Numerical Simulation and Parametric Study of Forced
Convective Condensation in Vertical Channel

R. K. Kamali ', A. Abbassi "*, S. A. Sadough Vanini " and M. Saffar Avval"

Received 02 March 2008; received in revised 03 August 2008; accepted 12 January 2009
ABSTRACT

Forced convective condensation in vertical channel is investigated numerically. The condensation
boundary layers that occur due to temperature difference between the walls and saturation temperature of
steam is simulated by the volume of fluid (VOF) method. The effect of variations in the hydraulic diameter,
steam velocity, Re number and temperature difference between the wall and saturation temperature of inlet
steam on heat transfer coefficients are investigated. Simulation results showed that the condensation length
and heat transfer coefficient increase by the increase in the amount of inlet velocity and Reynolds humber of

inlet steam. Also, it was seen a reduction in temperature difference between the wall and saturated steam.
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1. INTRODUCTION

There is a huge competition between different types of
heat exchangers. Because of high amount of material cost,
it is very important task to design heat exchangers more
compact in order to decrease the material consumption. It
seems that using of the plate type heat exchangers is
extremely grown up in industry. Using the plate type heat
exchangers instead of shell and tube type significantly
decrease the volume of the system and make the system
compact and portable. As the pressure drop during the
condensation and evaporation phenomena is usually high
so design of the plate type heat exchangers for producing
distilled water from saturated steam with minimum
amount of the pressure drop is very complicated task
[1,2]. Some experimental and theoretical works have been
done by some researchers [3-14] in order to define heat
transfer coefficients and pressure drop between the plates.
Most flow regime studies on two-phase flow were
performed in large hydraulic diameter. The distinctive
feature of two phase flow in plate type heat exchangers
with small gap between the plates is that the surface
tension may play a significant role in flow pattern
transitions.

Recently some new researches have been done based

on two phase flow phenomena in multiple effect
desalination systems with shell and tube and plate type
heat exchangers [15-17]. It is very interesting subject to
do research on the possibility of substituting the plate type
heat exchangers instead of shell and tube type in multiple
effect desalination. Since in plate type condensers in these
systems, there is forced convective condensation between
the plates.

This paper is dealt with a numerical model to simulate
laminar and turbulent steam condensation between
parallel plates by volume of fluids method (VOF). The
interface mass transfer due to condensation will be
considered as a source term in the energy equation. In
order to define mass and energy source terms in
equations, some UDF's were developed and coupled with
Fluent software. The effects of vapor inlet velocity, wall
temperature, and hydraulic diameter on condensation will
also be investigated. This simulation helps the designers
to obtain heat transfer coefficient of condensation flow,
required heat transfer surface area and required number of
plates in plate type condensers.

2. PHYSICAL MODEL

The geometrical configuration and physical model of
condensation in vertical channel is shown in Figs.1 and 2.
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A methodology is presented to determine numerically the
heat transfer coefficients and the film thickness between
the plates. The channel can be either two vertical parallel
plates or cylinder. The saturated steam will be condensed
in the channel because of the wall temperature (7,,), is
lower than the saturation temperature of steam. It should
be noted that the average steam velocity is not constant
along x-direction. Since condensation occurs on the wall,
the amount of steam flow in the core is reduced.

WALL 2

Fig.1. Geometrical model of vertical parallel plates and cylinder.
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Fig.2. Physical model of the vertical parallel plates or cylinder.

The following assumptions have been made in order to
solve the condensation flow:

1- Vapor and liquid phases are both incompressible
and, therefore the density for each phase is
constant.

2- Steam is saturated, therefore there is no saturated
temperature gradient

3- The working fluid along the liquid-vapor phase
is saturated.

In order to simplify the solution procedure, one set of
governing equations for both the liquid and vapor regions
are as follows:

Continuity Equation for each phase:

0 - ()

5(aqpq)+v.(aqquq)=0.0

VOF Equation:

da, - Sy )
+VVa,6 =

ot “op,

Saq is the source term for condensation or evaporation. g

is the secondary phase index and it should be noted that, it
is not necessary to calculate secondary phase
independently because of the relation between primary
and secondary phases which is as follows:

@)
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The continuity equation for a cell consists of the gas-
liquid interface will be obtained as follows:

%(plal)-‘rg(pgag)-‘rv'(a/pl I71)"' V'(agpg 4 )= 0 ®)
0 . (6)

Smg_/ = _[5 (pgag) + V.((ngg Vg )]
)

0 _
Sy, = =5, = (pa)+Viap )
The right hand side of equation (11) is written as
follows:
0 =\ 0 _ _
a(p,a,) + V-(a,ﬂ V)= a(plal) +VN(ap)+ap VYV = ®

So, VOF equation for liquid phase as secondary phase is
obtained as follows:

Da - ©)
P Ttl =S, , —aupNV
S - (10)
Da; _ Zny -aVV
Dt Py

S, is the mass source term and can be defined by 7" .

Mg

So, VOF equation for primary and secondary phases is:

D n" ~ (11)
G M _avi
Dt p,
D > m . 12
o -
Dt p,
Summation of the above equations is as follows:
- 13
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. 15
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Finally, VOF equation for liquid phase is obtained:
Do, m" 1 (16)
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Py Py are the liquid and gas densities and ¢, is the
volume fraction of the liquid phase.

Energy equation for condensation without radiation
term is:

5 , (17)
= (pH) +V.(V (pH + P)) = V.(K,,VT)

H=h+AH (18)
where & and AH represent contributions of sensible
enthalpy and latent heat on the total enthalpy, i.e., so it
can be rearranged the equations as follows:

%(ph) +§ (pAH) +V.(P(ph+ P)) + V.(F(pAH)) = V.(K,,VT)

(19)
bl _
& (ph)+V.(V (ph+P)) =
o _
V.(Ke[fVT) —[a (pAH) +V.(V (pAH))]
(20)
So, energy source term can be defined as follows,
(21)

Sur =L (oAH) + V.07 (pAD)]

The Total Enthalpy can be defined as follows:

H =% (H,)+pa,(H) _ P (h, +hg)+ pah,
p P
(22)
AsH, =h, so,
H= p.ah, + pah, + pogh (23)
Yol
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@7)

Sy =—pil, [g () +V.(7ar,)]

The relation between mass and energy source term is

defined by below equation:
(28)

S AH m m

h i/

3. NUMERICAL SOLUTION

The Overall numerical solution procedure for a

particular time step is outlined as follows:

Stepl. VOF equation has to be solved.

Step2. Momentum and Continuity equations should be
solved.

Step3. In generals, energy equation should be solved
except the interface regions.

Convective term in energy equation can be legally
omitted on gas-liquid interface because the velocity of the
liguid phase is suddenly decreased regarding
condensation phenomena. So, a linear approximation can
be used to calculate energy source term as follows:
dT dT (29)
SAH = (K;A)gas - (K;A)]iq

The first term of right hand side of equation (29) is
zero, because there is no gradient in temperature for gas
phase and therefore the energy source term should be
identified as follow:

S:KAM
AH

lig““wall
cell — ywall

(30)

It is obvious that, for control volumes that exist on
liquid-gas interface, the amount of temperature is exactly
saturated temperature of the steam. So, for control
volumes including the interface, the temperature are set to
the saturation temperatures by a user define functions that
should be added to the software.

Step4. Equation (28) is used to determine the mass
production rate.

Step5. Compute the source term for the VOF equation
and the continuity equation.

Step6. Going back to stepl until the residuals for
pressure, momentum and enthalpy meet the acceptable
range (below than 0.001).

It should be noted that, these steps are all doing for
each time step. After the solution for the current time step
is obtained, the computation for the next time step is
performed. These steps are added to Fluent software by a
C++ code. As is shown in Fig. 3, User Define Function is
written in order to define mass and energy source term
according to the mentioned algorithm.
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Fig. 3. Solvers Flowchart in Fluent.

4, RESULTS AND DISCUSSION

4.1. Verifications

A verification of the numerical method was performed
by analytical simulating the condensation in a condenser
section of a thermosyphone worked by Seban and
Faghri[18]. The geometric configuration of the problem is
a cylindrical tube as the same as present work, except that
the tube is closed at x=0 and the effect of gravity must be
taken into account. The tube is vertical, and the gravity
acts in the x-direction. Vapor is injected to the tube and
moved under effect of the gravity. The complete geometry
is defined in Ref. [18]. The radius and the length of the
circular tube are R=1.2 mm and L=4.0 cm, respectively.
The working wall temperature is 310.8 K. The
comparison between the numerical result of Seban and
Faghri and present work is shown in Table (1).

Verification has been done by comparison between
present numerical simulation and experimental
investigations done by Wurfel et al. [12]. In their
experimental work, they obtained a correlation for
condensation flow between herringbone-type parallel
plates in plate type heat exchangers. [12]

The comparison between experimental results of
Wourfel et. al. [12] and present work is shown in Table (1)
as well. As it is shown in Table (1), herringbone-type
chevrons causes an increase in the Nusselt number in
comparison with cylindrical chevron investigated in the
present research.

To verify numerical simulation of condensation heat
transfer coefficient, numerical results were compared with
results obtained by Kafi et al. [19]. They provided an
experimental set up to simulate two-phase flow
phenomena between the plates in a single effect thermal
desalination unit. Their system was under vacuum and
saturated steam temperature in their experimental set up
was 70°C. The comparison between results of Kafi et al.
and present work is shown in Table (1) as well.

Table 1. Comparison of the average Nusselt Number of
present results and others in similar case.

Others Result Present Work
Seban and 38.4 39.6
Faghri
Wourfel et al. 95 38
Kafi et al. 32 38

At last, final verification in laminar condensation
between parallel plates has been done by comparison
between the numerical results of Zhang and Faghri [20]
and the present work in similar case. The geometric
configuration of Zhang and Faghri’s model is a horizontal
miniature channel. Saturation temperature in their model
is 363 K and wall temperature is 340 K. Inlet velocity of
the vapor is 0.2 m/s. Fig. 4a and Fig. 4b show heat
transfer coefficients obtained by Zhang and Faghri[20] in
comparison with the present work. As they assumed a
small thickness of condensation boundary layer to avoid
divergence problem at the beginning of the plates as a
single point with maximum mass and energy source term,
there is a difference in their results in comparison with
present results at the beginning of condensation.

—e— Zhang,Faghri
—=—PresentWork| |
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Fig. 4a. Comparison of heat transfer coefficient between parallel
plates.
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Fig. 4b. Comparison of heat transfer coefficient in circular tube.

Finally, the overall agreement can be seen between the
present result and the previous work.

4.2. Condensation between parallel plates

Condensation phenomena formed by two vertical
parallel plates is investigated in this section. The gap
between the plates and the length of the channel are
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assumed: D=4mm and L=0.2 m respectively. The effect of
the gravity is considered in X direction and neglected in Y
direction. A non uniform grid of 100(x)*50(y) with a time
step of ¢ =10" was used. Fig. 4 and Fig. 5 show the
contour of volume fraction of laminar and turbulent
condensation flow along the vertical parallel plates. Inlet
velocity of vapor flow in laminar flow is 1 m/s and 20 m/s
for turbulent flow. Condensation flow is fully developed
at the end of the plates. A wavy regime is completely
visible in turbulent condensation flow between the
parallel plates.

Contour of velocity vectors for laminar condensation
flow and streamlines for turbulent condensation flow are
shown in Fig. 5a and Fig. 5b. As seen, the mass flow rate
is constant and the density of the liquid is much greater
than the vapor, so since condensation occurs near the wall
on vapor-liquid interface, the vapor velocity vectors near
the wall point towards the wall and the mean vapor
velocity decreases with x, due to condensation. In case of
turbulent condensation flow regarding high velocity at
inlet flow and high amount of surface tension between
vapor and liquid phase, some vortex flow can be created
along the flow between the plates near the wall and near
the vapor-liquid interface.

1.00we00

Now 10, 2007
FLUENT 8.0 (34 d. sagregated. vl lam. unsieay) |

Contours of Yoksme fraction of phase-2 (Time=2.3720e-01)

Fig.5a. Contour of volume fraction of laminar condensation flow
between vertical parallel plates.

vielocity Vectors Colored By Vielocty Magnitude (mis) (Time=d T484e-03) Aug 18, 2007

FLUENT 6.0 {2d, dp. segregated, vof, lam, unsteady)

Fig.6. Contour of velocity vectors of laminar condensation flow
between parallel vertical plates.

Heat transfer coefficient, of laminar and turbulent
condensation flow between parallel plates is shown in
Fig. 8 and Fig. 9. As shown, the amount of heat transfer
coefficient is decreased after capillary blocking because
the amount of heat transfer coefficient directly depends on
boundary layer thickness. In turbulent flow case capillary
blocking is occurred faster but because of high inlet
velocity and high amount of Reynolds number. Average
heat transfer coefficient in turbulent case is much greater
than laminar case. In addition, there is some oscillation in
heat transfer coefficient curve regarding the vortex flows
that can be observed in turbulent cases.

nt condensation flow

Fig.7. Streamlines of turbul
between vertical parallel plates.
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flow between vertical parallel plates. Fig.8. Heat transfer coefficient of laminar
condensation flow between vertical parallel plates.
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Fig.9. Heat transfer coefficient of turbulent
condensation flow between vertical parallel plates.

The effect of variation in Reynolds number of inlet
steam between the plates on condensation heat transfer
coefficient is shown in Fig. 10. As shown in this figure,
by increasing the Reynolds Number of inlet steam
between the plates, the amount of heat transfer coefficient
will increase but the rate of the increase in heat transfer
coefficient at lower Reynolds number is more than higher
Reynolds number.

The effect of distance between parallel plates on
condensation is shown in Fig.11. The mass flow rates of
inlet steam in all cases are the same and so by the
decrease in the distance between the plates the amount of
velocity and Reynolds number will increase. Therefore,
the amount of heat transfer coefficient will increase.
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Fig.10. Effect of Reynolds number of inlet steam on heat
transfer coefficient
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Fig.11. Effect of distance between vertical parallel
plates on heat transfer coefficient.

The effect of inlet velocity on heat transfer coefficient
in laminar condensation flow is shown in Fig 12. By
increasing the inlet velocity between the parallel plates
the Reynolds number will increase and the rate of
increasing the boundary layer thickness will decrease so
the amount of heat transfer coefficient will increase as a
result.

9000
8000
7000
6000
5000 -
4000 -
3000
2000
1000 d
0

/

Heat Transfer coefficient [W/m2.K]

0 2 4 6 8 10

Velocity [m/s]

12

Fig.12. Effect of inlet velocity on heat transfer coefficient.

In Fig. 13, it is seen that the amount of heat transfer
coefficient will increase by the decrease in the
temperature difference between the wall and the
saturation temperature of steam because condensation rate
will increase by increasing the amount of temperature
difference so capillary blocking will move to the
beginning of the plates therefore the average of heat
transfer coefficient will decrease under effect of a fully
developed condensation between the plates.
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Fig.13. The effect of temperature difference between
the wall and the saturation temperature on heat transfer
coefficient.

4.3. Condensation in cylindrical chevron

When two vertical parallel plates with semi cylindrical
vertical chevron are assembled with a gasket between
them, a cylindrical vertical tube is formed as shown in
Fig. 14. Also, if the wall temperature is lower than the
saturation temperature, steam flow is condensed in this
cylindrical vertical chevron.
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Fig.14. Cylindrical vertical tube formed by two vertical parallel
plates.

Condensation  phenomena formed by vertical
cylindrical chevron are investigated as well. The diameter
of the chevrons between the plates and the length of the
channel are: D=4mm and L=0.2 m. The effect of gravity
is considered in direction of X axis and is neglected in ¥
axis, therefore this is an axisymmetric problem so only
half of the domain (0<y<D/2) is solved. A non uniform
grid of 100(x)*50(y) with a time step of 47 = 10° is used
to solve this problem.

Fig. 15 and Fig. 16 show the contour of volume
fraction of laminar and turbulent condensation flow along
the vertical cylindrical chevron. Inlet velocity of vapor
flow in laminar flow is 1 m/s and 20 m/s for turbulent
flow. In laminar case, condensate flow is fully developed
after about 4 cm from the entrance.

i_,:)

Contours of Volume fraction of phase-2 (Time=1 8860e+00) Nov 18, 2007

FLUENT &0 (md, dp, segregated, vol, lam, unsteady)
Fig.15. Contour of wvolume fraction of laminar
condensation flow inside the vertical cylindrical chevron.

Contours of Volume fraction of phase-2 (Time=2 8769e-01) Nov 16, 2007

FLUENT 6.0 (ax, dp, segregated, vol, sstiw, unsteady)

Fig.16. Contour of volume fraction of turbulent
condensation flow inside the vertical cylindrical chevron.

Boundary layer is wavy shape in turbulent case and
fully developed condensation flow can be observed after
approximately 8 cm from the entrance.

Contour of velocity vectors for laminar condensation
flow and streamlines for turbulent condensation flow are
shown in Fig. 17 and Fig. 18. As the same as the previous
case in parallel plates, the mass flow rates are constant
and the density of the liquid is greater than the vapor. So,
since the condensation occurs on the wall, the vapor
velocity vectors near the wall point and vapor-liquid
interface towards the wall and the mean vapor velocity
decreases with x, due to the condensation. In case of
turbulent condensation flow regarding high velocity at
inlet flow and surface tension between the phases, some
vortex flow can be created near the wall as the same as
flow between parallel plates.
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Fig.17. Contour of velocity vectors of laminar
condensation flow inside the cylindrical chevron.
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the maximum value in this case.

Effect of cylindrical chevron diameter between parallel
plates on condensation is shown in Fig.21. The inlet
velocity in all cases is same and so by the increase in the
cylindrical chevron diameter between the plates, the mass

the amount of heat transfer coefficient will increase.
- . wl
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Fig.18. Streamlines of turbulent condensation flow inside o '
the cylindrical chevron. =
Variation of the heat transfer coefficient of laminar and T e
turbulent condensation flow in vertical cylindrical . IR
Fig.20. Heat transfer coefficient of turbulent

chevron is shown in Fig. 19 and Fig. 20. As shown in Fig.
19, in spite of the high amount of heat transfer coefficient
in inlet flow, the amount of heat transfer coefficient is
decreased rapidly after capillary blocking. It can be seen
that fully developed condensation is occurred along the
first half of the cylinder and amount of heat transfer
coefficient is constant and same as a single phase liquid
flow inside vertical circular tubes after steam
condensation.

In turbulent flow case in Fig. 20, because of high inlet
velocity, average heat transfer coefficient is much greater
than laminar case. It can be seen that the amount of heat
transfer coefficient has a different trend in turbulent flow
in comparison with laminar flow case because of the
effect of vortex flow along the cylindrical chevron. Also,
it can be seen that there are some oscillations in heat
transfer coefficient curve under the effect of entrance
region especially in turbulent case.
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Fig.19. Heat transfer coefficient of laminar

condensation flow inside the vertical cylindrical chevron.

Optimum length for cylindrical chevron between the
plates for a constant diameter is the length that the fully
developed condensation occurs exactly at the end of the
plates. The amount of heat transfer coefficient will meet

condensation flow inside the vertical cylindrical chevron.
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Fig.21. Effect of variation in Reynolds number on heat
transfer coefficient in cylindrical chevron.

The effect of cylindrical chevron diameter between
parallel plates on condensation is shown in Fig.22. The
mass flow rate of inlet steam in all cases is same and so
by decreasing the chevron diameter between the plates,
the Reynolds number will increase so the amount of heat
transfer coefficient will increase, respectively. The
optimum diameter for cylindrical chevrons with a
constant length is the case that the fully developed
condensation occurs at the end of the plates.
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Fig.22. Effect of chevron diameter on heat transfer
coefficient.
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Effect of inlet velocity on heat transfer coefficient in
laminar condensation flow is investigated in Fig 23 for
cylindrical chevron. By the increase in the inlet velocity,
the Reynolds number will increase so the amount of heat
transfer coefficient will increase, respectively. At higher
velocity, under the effect of high amount of velocity and
wavy shape of boundary layers, it can be seen that the
amount of heat transfer coefficient will increase rapidly in
comparison with lower velocities.
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Fig.23. Effect of inlet velocity in cylindrical chevron on
heat transfer coefficient.

In Fig. 24, it is seen that as the same as the flow
between parallel plates the amount of heat transfer
coefficient will increase by decreasing the temperature
difference between the wall and the saturation
temperature in vertical cylindrical chevron. The rate of
condensation will increase by increasing the temperature
difference between saturation temperature and wall
temperature therefore fully developed condensation flow
is occurred inside the cylindrical chevron and so the
average heat transfer coefficient will decreased along the
cylinder.
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Fig.24. Effect of temperature difference between the
wall and the saturation temperature on heat transfer
coefficient in cylindrical chevron.

The amount of heat transfer coefficient in all cases is
strongly depending on the boundary layer thickness.
Steam velocity and temperature difference between the
wall and saturation temperature has an effect on boundary
layer thickness. The rate of increasing boundary layer
thickness will increase by decreasing the inlet velocity or
increasing in chevron diameter or distance between the

plates. Therefore, in chevrons with higher diameter, in
spite of higher distance between the walls, since the
velocity is low, the rate of increasing in boundary layer
thickness will increase and so the amount of heat transfer
will decrease.

One of the most interesting subjects in condensation
phenomena is the difference between the front of single
phase flow and phase change flow. The difference
between single phase flow front and phase change front is
shown in Fig. 25. The comparison between single phase
front and phase change front shows that the rate of the
increase in boundary layer thickness in single phase flows
is more than for phase change. In addition, a flat and
vertical surface can be seen at the end of the phase change
flow front but in single phase case boundary layer is
similar to a parabolic shape.
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Fig. 25. Comparison between phase change and single
phase flow front.

5. CONCLUSIONS

Numerical simulation for condensation in vertical
parallel plates and vertical cylindrical chevron is
performed using VOF method. The effect of various
physical and geometric parameters on heat transfer
coefficient for both vertical parallel plates and vertical
cylindrical chevron are investigated. The results show that
the condensation heat transfer coefficient increases
sharply by the increase in the inlet velocity and the
decrease in the temperature difference between the wall
and saturation temperature of inlet steam. By parametric
study, it can be concluded that in order to reach the
maximum heat transfer coefficient in plate type heat
exchangers, the number of plates should be minimized
with consideration of allowable pressure drop. Velocity
vectors in all cases are toward the wall. The wavy shape
of liquid film and some vortex flow were observed for the
cases with high vapor velocity in turbulent flows. There
are noticeable changes between single phase boundary
layer and phase change boundary layer. Maximum value
for heat transfer coefficient will be obtained if the fully
developed condensation occurs exactly at the end of the
plates. Result shows that maximum heat transfer
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coefficient will be achieved if the distance between the
plates is 4mm and the length of the plates is 20 cm.
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